Based on experimental pieces of evidence collected in a set of twenty healthy large hydrogenerators, this article shows that the operating conditions of the tilting pad journal bearings of these machines may have unpredictable and significant changes. This behavior prevents the theoretical determination of bearing stiffness and damping coefficients with an adequate accuracy and makes damage detection difficult. Considering that dynamic coefficients have similar sensitivity to damage and considering that it is easier to monitor bearing stiffness than bearing damping, this article discusses a method to estimate experimentally the effective stiffness coefficients of hydrogenerators journal bearings, using only the usually monitored vibrations, with damage detection purposes. Validated using vibration signals synthesized by a simplified mathematical model that simulates the dynamic behavior of large hydrogenerators, the method was applied to a journal bearing of a 700 MW hydrogenerator, using two different excitations, the generator rotor unbalance and the vortices formed in the turbine rotor when this machine operates at partial loads. The experimental bearing stiffnesses obtained using both excitations were similar, but they were also much lower than the theoretical predictions. The article briefly discusses the causes of these discrepancies, the method's uncertainties, and the possible improvements in its application.
Introduction
Even failures of small proportions may lead large hydrogenerators (LHG) to a long period of unavailability, from several days to some months, causing considerable financial losses. Failures in these machines may also assume catastrophic proportions, with losses of human lives, serious environmental damage, and several years of total or partial unavailability [1] . These facts fully justify the application of condition monitoring techniques to LHG. The basics of these techniques are well known: a significant change in the monitored parameter indicates the development of damage, and the adequate analysis of the symptoms allows the damage diagnosis [2] [3] [4] .
Vibration-based condition monitoring is the most frequent and successful technique applied to rotating machines [5] , especially in the standard machines used in the several branches of the industry. However, LHG are tailor-made rotating machines, of oversize dimensions and vertical assembly, designed and manufactured in small number, to fulfil the specific requirements of each power plant. Minor differences in the design or in the assembly procedures may make the typical vibratory behaviors of two apparently identical LHG, operating in similar conditions, be very different from each other [6] .
The dynamic coefficients of journal bearings, bearing stiffness and damping, have major influences on the dynamic behavior of a LHG [7] . As illustrated in what follows, this behavior may experience significant and unpredictable changes due to fluctuations in the journal bearing operating conditions. This creates an additional problem for damage detection in the differentiation of the normal changes in LHG dynamics from the changes originated by the developing of damage.
The influence of the uncertainties in journal bearing operating conditions, like pads clearances, lubricant viscosity, and 2 Shock and Vibration shaft eccentricity, may be analyzed using stochastic modeling techniques [8, 9] . However, for damage detection purposes, the experimental estimation of bearing dynamic coefficients may be used as an effective solution. The main contribution of this article is the discussion of a method to experimentally estimate the journal bearings stiffnesses to assist damage detection in LHG. Requiring only the lateral shaft relative vibrations and bearing absolute vibrations usually monitored, this method was validated by numerical simulations and by experimental analyses.
All the numerical simulations and experimental analyses mentioned in this article are related to the 700 MW hydrogenerators of Itaipu, a 14000 MW power plant located in the Parana River, belonging to both Brazil and Paraguay governmental electrical utilities holding companies. The rotating speeds of these hydrogenerators are 90.9 r/min for the 10 units that operate at 50 Hz and 92.3 r/min for the remaining 10 units, which produce electrical energy at 60 Hz. Figure 1 shows the generator (1) and turbine (2) rotors, as well as the three tilting pad journal bearings (TPJB) of these machines. The upper bearing is composed of the generator upper shaft (3), pads (6) , and bearing bracket (9) . The lower bearing is a combined thrust and journal bearing, constituted by the generator lower shaft (4), the thrust block and pads (7) , and the thrust bearing bracket (10) . The turbine bearing is composed of the turbine shaft (5), pads (8) , and turbine headcover (11) . Table 1 presents the main data of these journal bearings [10] . This table brings two different clearances, the assembled pad clearance at standstill and the assembled pad clearance in operation. The first value is the clearance adjusted during bearing assembling, by means of wedges inserted in the back of the pads, with the hydrogenerator at standstill. The second value is the clearance when the hydrogenerator is in normal operation, after bearing warming, considering the journal radial increase due to the centrifugal forces and the thermal expansion and due to bearing housing deformation by the action of the turbine axial hydraulic pull, in the specific case of combined bearings. These effects may cause significant reductions in the assembled pad clearance at standstill.
Tiwari et al. [11] consider that the theoretical estimation of bearing dynamic coefficients "has always been a source of error in the prediction of rotor-bearing systems," mainly due to the difficulties of determining bearing operating conditions accurately. This problem is worse in vertical rotating machines, like LHG. For instance, the gaps of two proximity transducers installed 90 ∘ apart in the journal bearings, to measure the shaft relative vibrations, are plotted against each other in the diagrams of Figure 2 . The marks on the diagrams are related to the average shaft center position in the journal bearing or the shaft eccentricity. Five measurements were taken during a month (April) and the remaining five were taken eight months later, also over a period of a month (January). In all these measurements, the LHG was healthy and operating in a steady-state condition, with the generator power fixed in a certain load in the range of 470 to 700 MW, during more than five hours.
Shaft eccentricity is one of the parameters used to characterize the journal bearing operating condition. Once this parameter is defined, the pads clearances are determined, usually considering the fact that bearing housing is ideal, without dimensional changes [12] . Then, the dynamic coefficients of the journal bearing are determined, considering only the oil film hydrodynamic effects (hydrodynamic model) or including the thermal effects of bearing losses (thermohydrodynamic model) and the deformation effects produced by the oil film pressure (thermoelastohydrodynamic or TEHD model) [13] . The thermal deformations of shaft collar, bearing housing, and support of proximity transducers may have significant influence on the estimated shaft relative position shown in Figure 2 . Anyway, this figure indicates that shaft eccentricity may have random and significant variations, which will change bearing dynamic coefficients in a similar way. Therefore, the accurate theoretical determination of these coefficients is impractical, even when using refined TEHD models.
With this motivation, Tiwari et al. [11] organized an extensive review about the experimental estimation of bearing dynamic coefficients, examining almost 300 references on this subject, issued during the past 90 years. These authors emphasize the need of experimental work, using full-scale rotor systems, and the need for validation of dynamic coefficients derived from actual machines in the real operating environment. In a more recent review, Dimond et al. [14] compared theoretical and experimental results, obtained in test rigs, under controlled conditions. This reference brings attention to the uncertainty analysis in the estimation of bearing coefficients and highlights the need of using TEHD models to theoretically determine these coefficients and to consider the effects of bearing heat transfer and of mechanical deformations. This reference remarks that, even in that case, the "agreement between theory and experiment for bearing coefficients is seldom better than 10-20 percent."
In one of the few references directly applied to vertical hydrogenerators, Gustavsson et al. [15] proposed a method to estimate bearing stiffness and damping coefficients, using the orthogonal components ( and ) of the journal bearing radial force, measured with strain gauges installed in the bearing bracket arms. This method uses the following bearing model with two degrees of freedom (DOF):
where and are the components of stiffness and damping matrices and anḋare the displacement and velocity components in -direction and -direction. Bearings were considered isotropic ( = = and = = ), with negligible cross-coupling effects ( = = 0 and = = 0). These effective bearing dynamic coefficients were obtained expressing the former equation in polar coordinates, at different time instants, creating a solvable system of equations. For example, the bearing stiffness estimated in a 238 MW hydrogenerator using this method fluctuated in the range of 0.40 to 0.80 GN/m.
The use of strain gauges to measure the journal bearing radial force is not suitable in the bearings with preloads [15] or those supported by more complex structures. Giving sequence to the previous work, Nässelqvist et al. [16] also in this methodology. Equation (1) is expressed in frequency domain, at a certain frequency Ω, as
where is the imaginary number. Using a commercial rotor dynamic analysis software, these authors calculated the direct and cross-coupled bearing stiffness ( , , , and ) and bearing damping coefficients ( , , , and ) for a set of several different bearing clearances and shaft relative displacements or shaft eccentricities. By this procedure, a precalculated database was determined, relating journal bearing radial load to the shaft displacements and the bearing clearances. The measurement of shaft relative displacements was improved by using a four-proximitytransducer arrangement, a procedure similar to that applied in generator air gap monitoring, able to compensate shaft and bearing symmetrical thermal expansions. With the measured shaft displacement for a given bearing clearance, the journal bearing radial load may be directly determined using the precalculated database. In an independent research developed simultaneously, Young et al. [18] used a similar procedure in solving a nonlinear hydrogenerator model, reducing the processing time by means of a database containing the journal bearings radial loads calculated previously, for several operating conditions. Nässelqvist et al. [17] bring a comparison between measured and calculated journal bearing radial loads for a 40 MW vertical hydrogenerator. There is a good agreement for the static load. However, the dynamic load is very apparently overestimated in two times or more the measured dynamic load. Considering that the shaft displacement is measured properly, this effect indicates that the bearing dynamic coefficients determined theoretically, using the commercial software, are overestimated.
A possible explanation for this effect is that the real clearances of the journal bearing are larger than the nominal values. For instance, Figure 3 shows three pad clearances distributions in the upper journal bearing of a LHG. The blue circle shows the bearing nominal clearances and the green closed curve indicates the clearances measured during bearings special commissioning tests [19] , when the generator was excited at 0 MW. The red outer curve defines the clearances measured at 700 MW, also during the mentioned bearing tests. The substantial dimensional changes when the generator is loaded are attributed to the differential heating of bracket arms, originated by the electromagnetic field induced by the generator outputs, components (12) and (13) in Figure 1 . This effect is usually disregarded by the most refined bearing models, but it may have significant consequences. It makes bearing anisotropic, with clearances much larger than the nominal values, which decreases the theoretically predicted bearing stiffnesses expressively [12] . The difficulty in the prediction of this and other similar effects justifies the experimental estimation of bearing dynamic coefficients. Figure 4 shows a simplified model used to derive a method for experimentally estimating the journal bearing stiffnesses, using exclusively the monitored shaft relative and the bearing absolute vibrations. In this figure, ( , ), ( , ), and ( , ) are, respectively, the coordinates of the shaft, the bearing, and the foundation; and are the components of the rotating force indirection and -direction. This model considers that the foundation vibrations at the hydrogenerator rotating speed are negligible. The shaft relative vibrations measured by proximity transducers are given by = ( − ) and = ( − ), while the bearing absolute vibrations measured by piezoelectric accelerometers arëand̈. Direct oil film stiffnesses in -direction and -direction are, respectively, and , while direct damping coefficients are and . Despite not being represented in Figure 4 , cross-coupled stiffnesses ( , ) and damping ( , ) coefficients are preliminarily considered. Stiffness and damping coefficients of the bearing bracket, indirection and -direction, are, respectively, given by and and and . Lastly, shaft mass is and the effective mass of bearing bracket is . As bearing brackets of LHG are isotropic ( = = ; = = ), the bearing equations of motion are obtained as
Method for the Experimental Estimation of Journal Bearing Stiffness

Method Description.
It is well known that bracket damping may be neglected ( ≈ 0). Table 2 shows bearing bracket stiffnesses ( 2 , 2 ,
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Shock and Vibration values, one may verify that ≫ Ω 2 , where Ω is the LHG angular frequency. Therefore, the former equations may be written in the frequency domain as
where is the imaginary number and the variables in uppercase are the power spectral density of the already described lowercase variables at the rotating speed. It is also well known that TPJB show negligible cross-coupling effects in normal operating conditions and that cross-coupled dynamic coefficients are much smaller than direct dynamic coefficients ( ≪ and ≪ , with ̸ = ) [12] . Therefore, for this type of bearing, the former equations may be expressed as
where eff = | + Ω | and eff = | + Ω | are kinds of effective bearing stiffness, which include the effects of bearing damping. Experimental estimations [15] and theoretical calculations [20] indicate that damping effects are usually smaller than stiffness effects (Ω < and Ω < ), but they are not negligible. The effective bearing stiffness is determined under the assumption of no cross-coupling effects ( eff = eff = 0). In the former equations, | ( Ω)| and | ( Ω)| are the amplitudes of the once-per-turn shaft relative vibrations, respectively, in -direction and -direction, while | ( Ω)| and | ( Ω)| are the amplitudes of bearing absolute vibrations in the same frequency and directions. All these vibrations are expressed in displacement in adequate engineering units. Equation (5) may be used to experimentally determine and monitor the journal bearing effective stiffness. Figure 5 shows a simplified model used to simulate the dynamic behavior of LHG. As these machines operate at subcritical speeds and as their shafts are much stiffer than their bearing brackets [10] , the rotating part is considered a rigid body. It is supposed that shaft relative vibrations are low enough to model the journal bearings using linear stiffness and viscous damping (bearing damping coefficients are not shown in Figure 5 in order not to overload this figure). Bearing brackets are modeled as springs, with an effective mass equal to one-third of their total mass, as used by Cardinali [21] , probably based on the effective mass of an oscillating spring [22] . This model considers the gyroscopic effect and the journal bearings anisotropy, including the cross-coupling effects in bearing stiffness. Figure 5 shows the two coordinate systems used to describe the LHG dynamics, an inertial system (O , , ) and a rotating system (C , , ). The LHG rotating part has a constant angular velocity Ω around -axis (hydrogenerators operate synchronously with the electrical grid; then, the angle around -axis is determined by ( ) = ( 0 ) + Ω , where is time); it can make linear displacements in -direction, -direction, and -direction besides angular oscillations around -direction ( ) and -direction ( ). Bearing brackets effective masses can make linear displacements along the coordinates and ( = 1 for the upper journal bearing, = 2 for the lower journal bearing, and = 3 for the turbine journal bearing). Table 2 describes the main parameters of this model, in which values were obtained mostly in [10] . Bearing damping coefficients were considered proportional to bearing stiffness coefficients, that is, = ( = 1, 3, 5 and , = , ), using = 0.0125 s estimated with basis in similar journal bearings [21] .
Method Validation
Model to Simulate the Dynamic Behavior of LHG.
As thrust bearing pads are evenly distributed and loaded, the axial displacement may be decoupled from the other coordinates [23, 24] . Once is determined, the LHG dynamic behavior may be described by a 10 DOF model, represented by the following equation:
In the former equation, M is the mass matrix, C is the damping matrix, ΩG is the matrix of the gyroscopic effect, and K is the stiffness matrix. Also, x is the generalized coordinates vector and F( ) is the generalized forces vector. The 10 DOF model given by (6) may be represented in the state space as follows:
where 0 is a square zero matrix and I is the identity matrix, both of order 10. The first four natural frequencies and the respective vibration modes obtained by using this simplified 10 DOF model showed a good agreement with the results obtained in simulations using a third-party software, based on the Finite Element Method (FEM), as well as with the results achieved by the LHG manufacturer, using the Transfer Matrix Method [10] . In the LHG used as references, the shaft relative vibrations are measured in two orthogonal directions of each journal bearing ( and ), using 4 V/mm proximity transducers of eddy current type and accuracy class of 5%, installed in the ring support of the bearing pads, between two adjacent pads, where the shaft surface has better finishing. These vibrations are expressed in displacement, using micrometers ( m) as engineering units. The bearing absolute vibrations are also measured in the same orthogonal directions using 1000 mV/g (this is practically the highest sensitivity for industrial piezoelectric accelerometers) industrial piezoelectric accelerometers of accuracy class of 5% and with a lower cutoff frequency of 0.5 Hz, installed in the same support of the proximity transducers. The acceleration signals were integrated by charge amplifiers for a better signal transmission. Therefore, bearing vibrations are expressed in velocity in millimeters per second (mm/s). Table 3 shows the monitored shaft relative vibrations and bearing absolute vibrations, in the three journal bearings, expressed using the coordinates shown in Figure 5 .
Validating the Method. A program was written in
Matlab to solve state equation (7), using an output matrix that gives the twelve vibration signals listed in Table 3 in the output vector, avoiding numerical differentiations or integrations of the obtained signals. The LHG vibration signals were obtained using the nominal parameters shown in Table 2 but varying the upper journal bearing stiffness and lower journal bearing stiffness, as described in Tables 4 and 5 . For simplicity, it was assumed that the upper bearing stiffness and the lower bearing stiffness varied proportionally in different conditions: isotropic and anisotropic bearings with and without cross-coupling effects.
An unbalance ISO quality grade G4.25 in the generator rotor was used as excitation. A white Gaussian noise was added to simulate the effects of hydraulic excitations in the rotating part, producing a signal-to-noise ratio of 10 dB in relation to the unbalance force. It was considered that the generator was not excited ( 7 = 7 = 0). The LHG vibration signals synthesized by the model were processed to obtain the amplitudes of shaft (| ( Ω)| and | ( Ω)|) and bearing (| ( Ω)| and | ( Ω)|) vibrations at the rotating speed. These descriptors were used in (5), together with bracket stiffnesses, to estimate the effective journal bearing stiffnesses. The results are shown in Tables 4 and 5 .
The estimated bearing effective stiffness of the upper journal bearing and that of the lower journal bearing were used back in the LHG model described in the former section. The vibration signals obtained with the estimated stiffnesses are displayed in Tables 6 and 7 , together with the errors in relation to the original vibrations, shown in Tables 4 and 5 . It may be seen that the maximum error is lower than 3%, which validates the method for experimentally estimating journal bearing stiffness.
Estimation of Bearings Stiffnesses of a 700 MW Hydrogenerator
This section shows the application of the described method in the estimation of the journal bearings stiffnesses of a 700 MW hydrogenerator by the reprocessing of the vibration signals recorded during the generator rotor balancing and during the hydraulic stability tests.
Using the Generator Rotor Unbalance as Excitation
. Figure 6 shows the shaft relative and the bearing absolute vibrations measured in -direction of the upper journal bearing of a 700 MW hydrogenerator, operating at speed-no-load in steady-state condition, during the balancing of the generator rotor, when this rotor had unbalance ISO quality grade G4.25. The hydrogenerator had been just assembled and the indexes regarding the shaft static runout, the shaft verticality, and the shaft alignment were all lower than the tolerances of the used standard [25] . Figure 7 shows the same signals but measured on the lower journal bearing. On both figures, the upper diagrams show the vibration signals in time domain, acquired with a sampling frequency of 600 Hz. The lower diagrams show Welch's power spectral density estimate of these signals, obtained using a Hann window with 8192 points, with an overlap of 12.5%. Shaft vibrations spectra are shown in displacement, in 0 to peak values, expressed in micrometers ( m ). Bearing vibrations are shown in velocity, also in 0 to peak values, expressed in millimeters per second (mm/s ). The effective stiffnesses in -directions of the upper journal bearing and the lower journal bearing may be estimated by means of (5), using the amplitudes of shaft relative = 0.37 GN/m for the lower journal bearing. This procedure was repeated by the reprocessing of nine sets of vibration signals recorded during the three-day balancing process of the generator rotor. In the first day, the rotor was unbalanced with grade G6.65. In the second day, the rotor had a calibration weight and was unbalanced with grade G4.25. In the third day, the rotor was balanced. Tables  8 and 9 show, respectively, the estimated effective stiffness of the upper journal bearing and that of the lower journal bearing. These tables also show the relative time of the signals acquisition, the amplitudes of the shaft relative and bearing absolute vibrations at the rotating speed (1 × vibrations) in -direction and -direction, and the gap (the gaps of the proximity transducers are determined by the average value of the shaft relative vibrations. The coordinates of the two orthogonal gaps ( -direction and -direction) are related to the coordinates of the shaft center or the shaft eccentricity, with the interference of thermal expansions of shaft collar, bearing housing, and proximity transducers support) of the proximity transducers. Table 8 shows that shaft vibrations in -direction of the upper journal bearing are higher than those in -direction, indicating a small anisotropy in this bearing. Table 9 shows that shaft vibrations have similar amplitude in these two orthogonal directions, indicating that the lower journal bearing is practically isotropic. Figure 8 shows the corresponding filtered shaft orbits in these journal bearings. This behavior agrees with the results of the bearing special tests [19] , which indicated that the lower bearing is less susceptible to the thermal dimensional changes that occur in the upper bearing (see Figure 3) . These tests indicated no evidence of thermal bow in the shaft. Tables 8 and 9 also show the reduction of shaft relative vibrations during the transient process of the warming up of both bearings. For instance, in the second day, the shaft relative vibrations of both bearings decreased practically to the half of their initial values after seven hours of operation. This reduction is caused by bearing stiffness increasing, which results from the balance of three processes that occur during bearing warming. The first process is the decreasing of the lubricant viscosity, a process that reduces bearing stiffness (the pivot stiffness is much higher than the bearing stiffness; consequently, the viscosity of the oil film has low influence on the pad clearance). The second process, the clearance reduction due to shaft collar differential thermal expansion, acts in the opposite way. The third process is the changing in shaft eccentricity, which may increase or decrease bearing stiffness. This last process may be significantly affected by the uneven pad clearances distribution due to bearing housing deformation, as shown in Figure 3 . Figure 9 shows the points obtained with the transducers gaps during the generator rotor balancing, similarly to Figure 2. During this process, the hydrogenerator was operating at speed-no-load condition. Theoretically, the static radial loads on the journal bearings are negligible in this operating condition, as there was no magnetic pull and as the hydraulic pull was minimum. The significant apparent changes of shaft eccentricity, along straight lines with similar directions in the three journal bearings, may be partially explained by thermal expansions of shafts collars and thrust block. However, there is also a shaft displacement, detected when comparing the clearances at steady state (−G6.65, +G4.25, and ◻Balan). The separation between the real shaft displacements and the apparent shaft displacements, originated by the clearance decreasing due to thermal effects, may be done duplicating the number of measurements, using four proximity transducers per journal bearing [17] . Table 8 shows that, after 6.5 hours of operation, in the second day and in the third day, the gaps of both proximity transducers of the upper journal bearing decreased approximately 150 m. Table 9 shows that the gap reduction in the lower journal bearing was 210 m in the second day and 350 m in the third day. In all measurements, the gaps varied in the same way; their values decreased in similar amounts in both -direction and -direction. As the proximity transducers are practically fixed in the ring that holds bearing pads, using support of small dimensions, the variations in the transducers gaps are mainly due to differential thermal expansion of shaft collars and due to changes in shaft eccentricity. Whatever is the proportion of these two possibilities, these changes indicate significant and little predictable variations in the bearing clearances during thermal transients. This is another example of the difficulties in determining bearing operating conditions accurately [11] . However, these changes may be estimated with a satisfactory accuracy in monitoring activities, even in the presence of bearing symmetrical deformations, if suitable transducers arrangements are used [17] .
The bearing absolute vibrations have a different behavior. Table 8 indicates that measurements of bearing absolute vibrations in -direction of the upper journal bearing were not reliable and they were neglected. Table 9 indicates that the vibration level in -direction of the lower journal bearing is at least five times higher than the vibration level in -direction. This degree of anisotropy is suspicious and it could be related to the difficulties in measuring low amplitude vibrations at low frequencies, using piezoelectric accelerometers. This subject is discussed in Section 3.3.
Considering only the estimates obtained with the generator rotor unbalanced, disregarding those estimated using bearing vibrations with low amplitudes, Table 8 shows that the average bearing stiffness of the upper journal bearing is 0.48 GN/m in -direction. Table 9 shows that the average The measured vibrations are not reliable.
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Shock and Vibration Table 9 : Estimated stiffnesses of the lower journal bearing of a LHG, using vibration signals measured during the three-day balancing process of the generator rotor.
Unbalance ISO grade bearing stiffness of the lower journal bearing is similar (0.50 GN/m in -direction), when unbalance level is G6.65. These values are one order of magnitude lower than the bearing direct stiffnesses determined by the LHG manufacturer at the design phase (the hydrogenerator manufacturer determined bearing stiffnesses using a hydrodynamic model, solving Reynolds equation using the Finite Difference Method. The authors confirmed these values using an independent calculation), which are described in Tables 1 and  2 . However, when the unbalance level is reduced to G4.25, the average stiffness of the lower journal bearing increased in about four times, probably due to changes in the shaft eccentricity mentioned previously. Tables 8 and  9 show that when the generator rotor is balanced, the shaft relative and the bearing absolute vibrations cannot be measured at the rotating speed with an adequate accuracy. The artificial generation of an unbalance in the generator rotor or in the turbine rotor is not feasible, it is time-consuming, and it implies financial losses, exactly what one wants to avoid by using vibration-based condition monitoring. An alternative excitation is the force produced by the vortices that are produced in a Francis turbine when the LHG operates at partial load. Figures 10 and 11 show the shaft relative and bearing absolute vibrations in the upper and lower journal bearings regarding the order of the harmonic component, when a LHG operates at 320 MW. In this range, vibrations occur mainly at a quarter of the rotating speed (0.35 Hz). Shaft relative vibrations are 68 and 110 m, respectively, in the upper and in the lower journal bearings. The bearing absolute vibrations are 8.9 and 16.8 m in the same order. Using the process described in the previous section, the generator journal bearing stiffnesses are eff1 = 0.29 GN/m and eff3 = 0.18 GN/m. These values are similar to the results obtained at the rotating speed after the rotor balancing (see Tables 8 and 9 ). This alternative excitation is easily applicable in hydrogenerators driven by Francis turbines. However, this method will not work properly in the case of Kaplan turbines due to the good hydraulic performance of this type of turbine when operating in partial load. Moreover, the concept of bearing stiffness must be extended when using this excitation, once the amplitude of shaft vibrations reaches 40% of the bearing nominal clearance. In addition, as the excitation frequency was reduced, the problems in measuring low frequency low amplitude vibrations using piezoelectric accelerometers have become worse. Anyway, this is probably the only practical method to estimate bearing stiffness with the large hydrogenerator in operation. This procedure may be improved by using more suitable transducers to measure shaft relative and bearing absolute vibrations, as well as by using more samples with increased sampling time and common signal analysis tools, such as synchronous averaging.
Using Partial Load Vortices as Excitations.
Further Discussions on the Results
Discussion about the Method's Uncertainty.
The estimation method involves the shaft relative and the bearing absolute vibrations besides the bracket stiffness. The discussion about the method's uncertainty should begin with the accuracy class of the transducers used to measure these vibrations, 5% for both proximity transducers and piezoelectric accelerometers. This is a good accuracy class for industrial vibration transducers, but it must be verified before installation. The sensitivity of proximity transducers is easily verified by standard static calibrations, but the confirmation of the sensitivity of piezoelectric accelerometers in the low frequency range (0.35 to 2.0 Hz) is not trivial.
Both shaft electrical runout and shaft mechanical runout may have significant influence on the uncertainty of shaft relative vibration at the rotating speed, especially in the case of low amplitude vibrations. Shaft mechanical runout may originate real bearing absolute vibrations, which will cause additional uncertainty. Shaft runout effects may be usually estimated and mitigated by subtracting the unfiltered vibration signal sampled at slow roll speed from the signal measured at the nominal rotating speed [26] . However, this method is not applicable to LHG due to the poor performance of TPJB at low speeds. Also, due to the natural difficulties created by the large dimensions involved, shaft collar demagnetizing, burnishing, or coating is not applicable [27] . As it uses a frequency different from the rotating speed, the alternative excitation proposed in Section 3.2 has also the advantage of mitigating runout errors. The use of piezoelectric accelerometers creates additional uncertainties in the measured bearing absolute vibrations. Table 9 indicates that the highest amplitude at rotating speed (92.3 r/min) is about 60 m, a vibration that generates a signal of approximately 0.6 mV in the output of an accelerometer with sensitivity of 1000 mV/g. This problem becomes worse when using the partial load vortices as excitation due to the frequency reduction to a quarter of the rotating speed. The acquisition and processing of such low voltage signals require special care, particularly in a noisy environment like a power plant.
As alternative, there are velocity transducers of high sensitivity (50 mV/mm/s), equipped with a signal conditioner that electronically extends the lower cutoff frequency (−3 dB) down to 1 Hz or 0.5 Hz. Theoretically, the voltage generated by these transducers, for the same bearing vibration, is fifty times higher than that produced by the accelerometer previously described, which allows better signal handling. However, the datasheet of some of these transducers shows considerable fluctuations in their sensitivity at the low frequency range (0 to −5 dB at 1 Hz). Thus, the real performance of these transducers must be confirmed before their use in LHG journal bearings.
Finally, there is the uncertainty in the estimation of bracket stiffness, which may be experimental or theoretical, using the Finite Element Method (FEM). All these aspects indicate that the uncertainty of this and other similar methods may achieve significant values.
Discussion about a Monitoring Method.
Much damage that frequently occurs in LHG changes the bearing operating conditions and the bearing parameters, the pads clearances, the lubricant viscosity, and the radial static load. Consequently, bearing dynamic coefficients will also change, altering LHG dynamics. These coefficients, bearing stiffness and bearing damping, have similar sensitivity to the changes in bearing parameters [12] . If bracket stiffness is known, bearing effective stiffness may be easily estimated by (5) and monitored for damage detection. Alternatively, as bearing bracket is less susceptive to damage, (5) may be used to determine the ratio between bearing effective stiffness and bracket stiffness, which may be also monitored for damage detection. To differentiate between the fluctuations in bearing stiffness originated by damage from the normal fluctuations, like those shown in Tables 8 and 9 , the shaft eccentricity and the lubricant temperature shall be also monitored to properly characterize the bearing operating conditions. Then, damage detection is made by comparing bearing stiffnesses estimated in the same bearing operating conditions, reducing the possibilities of false-positive and false-negative errors. Finally, the effects of the journal bearing static radial load may be indirectly monitored by the bearing pads temperatures.
Concluding Remarks
The method discussed in this article experimentally estimates a kind of effective bearing stiffnesses, using solely the usually monitored shaft relative and bearing absolute vibrations, considering negligible cross-coupling effects. The method was validated by using vibration signals synthesized by a mathematical model that simulates the dynamic behavior of large hydrogenerators. In the validation process, the journal bearings were modeled as isotropic and anisotropic, as well as with and without cross-coupling effects. The maximum error obtained in this process was lower than 3%.
The application of this method in a journal bearing of a 700 MW hydrogenerator has shown that the bearing stiffnesses are usually one order of magnitude lower than the predicted theoretical values due to expressive dimensional changes in bearing housing, originated by thermal effects of the electromagnetic field induced in the bracket arms by the generator electrical outputs. This application also has shown that the bearing stiffness may increase significantly, in four times or more, due to unpredictable changes in bearing operating and boundary conditions, especially by changes in shaft eccentricity.
This indicates also that the theoretical determination of bearing stiffness, with an adequate accuracy, is unfeasible. The journal bearing operating conditions must be suitably monitored by all possible means. The shaft eccentricity should be measured with four-proximity-transducer arrangement to minimize the effect of thermal symmetric dimensional changes. The monitored parameters should include the temperatures of all bearing pads, the lubricant temperatures, the bearing cooling water temperatures, at inlet and at the outlet, the generator cold and hot air temperatures, and generator stator and rotor temperatures. The consequences of changes in these parameters in the bearing dynamic coefficients and in the large hydrogenerator dynamics must be understood and quantified, even using simplified models.
As large hydrogenerators in healthy conditions are balanced, the residual unbalance forces in the generator and turbine rotors are not able to excite the journal bearings adequately. This article has presented an alternative excitation, the hydraulic forces produced by the vortices created in Francis turbines when the hydrogenerator operates at partial loads. The amplitude of these forces may be varied on a given range by tuning the wicket gates opening in the partial load range.
This and other similar methods may have high uncertainty. In this specific case, the uncertainties mostly come from the transducers used to measure shaft relative and bearing absolute vibrations, as well as from the shaft mechanical runout and shaft electrical runout. This uncertainty may be reduced by replacing the piezoelectric accelerometers by suitable velocity transducers, with electronically extended lower cutoff frequency (0.5 Hz), to measure bearing absolute vibrations. This uncertainty may be also reduced by using four-transducer arrangement for measuring shaft relative vibrations, allowing the compensation of symmetric bearing dimensional changes.
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